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Miniature Oil-less Reciprocating Compressor for High-Lift, High-
Temperature Heat Pump Applications
Daniel L. MURPHY1*, Michael S. KATANCIK1 




In the extreme temperature environment of the moon, the regolith surface temperature can reach 100°C during the
354-hour lunar day. This often exceeds the maximum allowable temperature of critical electronics onboard small lunar
rovers designed for long-term science missions. In environments with such high heat sink temperatures, active vapor
compression cooling solutions allow greater mission flexibility than traditional passive spacecraft thermal control.
The objective of this research was to design and experimentally evaluate a critical enabling technology for effective
lunar rover class heat pumps: the high-lift, high-temperature, microgravity compressor. The main technical challenges
in the design of a compressor for these conditions include operation in a microgravity environment, relatively high
compression ratio requirements, extreme temperatures during transport and operation in space and on the moon, and
the low equipment vibration requirements for small lunar rovers. A twin-piston oil-less reciprocating compressor was
designed to meet these requirements. The oil-less design mitigates the challenges of oil distribution in microgravity
environments. A twin-piston configuration was designed to balance the dynamic forces and lower the vibration of the 
compressor. Compressor components were sized to operate with new high-temperature, environmentally friendly
refrigerants at compression ratios between 3 and 7. The compressor was designed for a cooling capacity on the order
of 100 W. A prototype compressor was fabricated and experimentally evaluated. The total mass of the compressor
was 2.86 kg. Maximum exported vibration was estimated to be 0.04 N at the base of the compressor based on kinematic
calculations and measured motor torque. Experimental capacity and efficiency measurements were lower than
predicted. This was likely due to manufacturing and tolerance deficiencies in the first prototype compressor resulting
in blowback around the piston seal, higher friction than predicted, suboptimal bearing performance, suboptimal reed
valve design, and tolerance stack up in the crankshaft and cylinders. These manufacturing issues can be overcome in
next generation prototypes.
1. INTRODUCTION
Unmanned lunar landers and rovers used for science missions at the Moon’s equator house critical electronics,
instrumentation, and batteries in a warm electronics box (WEB) (Bugby et al., 2010). To enable long-term lunar
missions, these electronics must survive the 354-hour (approximately 15-earth day) lunar days and nights in which
equatorial surface temperatures swing from 100°C to –183°C (373 K to 90 K). Spacecraft and rover thermal
management is typically achieved through passive two-phase systems such as variable conductance heat pipes,
capillary pumped loops, and loop heat pipes as well as active single-phase or two-phase mechanically pumped fluid
loops (Bugby et al., 2010). Passive thermal management strategies rely on heat sink temperatures below the electronics 
temperatures such as those in deep space. However, lunar science mission profiles may require small rovers to traverse
terrain where a favorable view factor between the radiator and deep space is impossible to maintain. During such
mission profiles, an active lifting cycle such as a vapor compression (VC) heat pump is needed to reject heat to high
temperature lunar regolith.
Lunar landers have traditionally applied various approaches to surviving the temperature extremes of lunar operation.
Some probes were designed for unimodal operation (only hot or only cold environments) either by continuous
circumnavigation following the sun or by careful landing site selection. Other landers use natural or artificial thermal
mass such as boulders or thermal wadis to survive the lunar night. True bimodal operation is achieved by some landers
by using electric resistance heaters to survive the cold nighttime temperatures at the cost of a high-energy and mass
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
  
        
              
             
         
  
           
            
         
         
         
       
          
               
          
         
          
         
           
           
                  
    
    
  
         
             
           
         
         
             
                  
            
    
            
            
         
             
             
            
             
 







penalty from additional batteries (Thornton et al., 2010). The rover-class heat pump designed in this research enables 
efficient thermal management with a lower mass and energy penalty than state-of-the-art landers by shutting down
the VC system at night and relying on variable conductance thermal switches to regulate the heat loss to the 
environment without requiring additional heaters.
Of the primary VC heat pump components, the greatest technological risk is the compressor. In microgravity
environments, oil entrained in the refrigerant flow tends to pool in locations other than the compressor sump because
conventional oil separation is accomplished through gravity-dependent or inertial methods. Thus, the compressor can
be oil starved using terrestrial oil management techniques. Oil-lubricated compressors have been proposed for space-
based systems; however, proper refrigerant/oil management in two-phase heat exchangers can be challenging and the
high ambient temperature exceeds the maximum operating temperature of common refrigerant lubricants.
Additionally, current refrigeration lubricants have poor performance at extremely low temperatures due to high
viscosity and/or insolubility with refrigerants. Designing an oiled VC system for the extremes of space-based mission
profiles would require developing higher temperature lubricants compatible with atypical working fluids that could
also survive exposure to temperatures much colder than what a commercial refrigeration unit would experience. Given
the difficulties that oil within the refrigerant system presents in microgravity environments, previous research and
niche production efforts have developed space-based oil-less compressors (Grzyll & Cole, 2000).
The current effort focused on the design and demonstration of the key enabling technology for a gravity-insensitive 
lunar rover heat pump: a miniature oil-less compressor. The design requirements included: compressor mass less than
3 kg, exported vibration less than 0.1 N in all axes, and coefficient of performance (COP) of 2.5 at 50°C lift with
100 W cooling capacity.
2. THERMODYNAMIC DESIGN CONDITIONS
2.1 Refrigerant Trade Study
It was first necessary to select the working fluid to determine the geometrical and operational parameters of the
compressor. A lunar rover heat pump needs a refrigerant with a high critical temperature and high heat of vaporization
because of the extreme temperatures encountered in the equatorial lunar environment. A trade study of high
temperature refrigerants was performed to select the working fluid. Fluorocarbon (FC), hydrofluoroether (HFE),
hydrofluoroolefin (HFO), hydrochlorofluorocarbon (HCFC), hydrofluorocarbon (HFC), and hydrocarbon refrigerants
were evaluated. Hydrocarbons have a high heat of vaporization but high flammability (ASHRAE 34 class A3). Even
though there is no oxygen on the moon, safety during handling and transportation could be an issue with these
refrigerants. Some refrigerants such as R514a and R245fa could also have safety and handling concerns due to toxicity
(ASHRAE 34 class B1).
Figure 1 shows a schematic of the lunar rover heat pump. A VC cycle model was developed to consider the effects of
different refrigerants, rover configuration, heat exchanger size, and compressor efficiency on WEB cooling efficiency
in typical lunar equatorial operating environments. The performance of the different refrigerants was evaluated by 
comparing the predicted cooling coefficient of performance (COPc) of the system under two representative lift 
conditions (50°C and 70°C lift) defined as the difference between the condenser and evaporator saturation
temperatures. For the initial refrigerant evaluation, the compressor isentropic efficiency was assumed to be 50% at all
conditions, and the evaporator temperature set at 38°C. This analysis assumed 5°C superheat and 5°C subcooling. The
Figure 1: Schematic of the lunar rover heat pump
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
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Heat of Vaporization 
at 38°C (kJ/kg)
Predicted COPc
50°C Lift 70°C Lift
FC-72 A1 176 90 2.84 1.95
Novec 7000 A1 165 132 2.80 1.88
R1336mzz(E) A1 130 135 2.60 1.68
R1336mzz(Z) A1 171 164 2.80 1.89
R514a B1 178 185 2.83 1.91
R601 (n-Pentane) A3 197 356 2.85 1.94
model also included a recuperator between the subcooled liquid on the high-pressure side and the superheated vapor
on the low-pressure side.
Table 1 shows a selection of the evaluated refrigerants and the predicted COP at 50°C and 70°C lift conditions. New
HFO isomers R1336mzz(Z) and R1336mzz(E) were recently introduced to the market as a green alternative for high-
temperature heat pumps and foam blowing. These refrigerants have potential for non-NASA applications because they
are non-toxic and non-flammable (unlike pentane and R514a). They also have good material compatibility with POE 
oil, copper, steel, aluminum, and common plastics and elastomers (Juhasz, 2017). R1336mzz(E) has a lower critical 
temperature and higher normal boiling point than the (Z) isomer. Although the thermodynamic performance of
R1336mzz(E) is lower than R1336mzz(Z), the fluid properties could be more favorable for efficient compressor
operation. The higher suction density of R1336mzz(E) will also improve the size, mass, and power (SMaP) of the
overall system relative to low pressure refrigerants such as FC-72, Novec 7000, or R1336mzz(Z) because the
refrigerant lines can be smaller. Although fluids such as Novec 7000 and FC-72 have more established history as heat 
transfer fluids in space-based missions, R1336mzz(Z) and R1336mzz(E) were ultimately selected for evaluation to
determine if they would also be suitable for future NASA applications. Figure 2 shows a map of predicted COPc for
R1336mzz(Z) and R1336mzz(E) for different lift conditions set by varying the saturated suction temperature (SST)
and saturated discharge temperature (SDT) as well as expected operating points (OPs).
Figure 2: Predicted heat pump COP for different lift conditions with R1336mzz(Z) and R1336mzz(E)
2.2 Lunar Rover Thermal Model
A thermal model of a small lunar rover was developed and coupled to the VC cycle model described above to
determine the required operating conditions for the compressor. The lunar rover model was based on a 65 kg rover
developed at Carnegie Mellon University for lunar equatorial exploration (Jones et al., 2011; Thornton et al., 2010). 
Figure 3 shows a picture of this lunar rover and a heat flow schematic. The major components of the rover are the
WEB, the radiator, the rover chassis, and the solar panels. The radiator angle was set to 90 degrees to simulate an
unfavorable view factor (0.5) between the radiator and the lunar regolith. The thermal model considers conduction
heat transfer between the rover structural components and radiation heat transfer with the environment. Performance
was simulated at worst case cooling conditions (1300 W/m2 solar flux, 100°C regolith temperature).
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
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Figure 3: Lunar equatorial rover designed by Carnegie Mellon (left) and schematic showing thermal paths,
component mass and surface area (right) (Jones et al., 2011; Thornton et al., 2010)
The lunar rover model was used to determine expected operating points and to set compressor design targets. The SST
was set to 38°C based on the expected closest approach temperature between the WEB and the refrigerant in the 
evaporator cold plate. With a 0.51 m2 radiator angled at 90 degrees, the SDT at the OP was 86.9°C (48.9°C lift) with
R1336mzz(Z) and 87.4°C (49.4°C lift) with R1336mzz(E). The COPc of the cycle at this OP is 2.82 and 2.64 for
R1336mzz(Z) and R1336mzz(E), respectively. Thus, the heat pump can operate with good efficiency with a radiator
surface area of 0.51 m2 angled at 90 degrees. A smaller radiator may be desirable to reduce size and mass but would
require a higher rejection temperature (higher lift), and thus lower COPc. Table 2 shows a comparison of predicted
thermodynamic operating conditions required to cool 100 W electronics load in the WEB with different refrigerants
and with different radiator sizes. This analysis assumed 50% compressor isentropic efficiency. These conditions were
used as a guide to design the compressor geometry and nominal operating conditions.
























R1336mzz(Z) 0.51 48.9 119.3 / 513.8 4.3 6.8 2.8 114.6
R1336mzz(E) 0.51 49.4 303.7 / 1138 3.7 17.8 3.5 54.3
R1336mzz(Z) 0.30 72.7 119.3 / 900.3 7.5 6.4 3.0 132.5
R1336mzz(E) 0.30 75.3 303.7 / 1978 6.5 16.4 4.0 67.3
3. COMPRESSOR MECHANICAL DESIGN AND FABRICATION
The design of the rover-class microgravity oil-less compressor was inspired by a previous reciprocating oil-less
compressor developed by Mainstream Engineering that is currently onboard the International Space Station (Grzyll &
Cole, 2000). While the previous design used a single-piston, the current compressor used an opposed twin-piston
approach to meet the low-vibration requirements and to reduce the operating speed while using similarly sized
mechanical components. The opposed cylinders balance the forces leaving only a small yaw moment due to the axial
offset of the cylinders along the crankshaft. This configuration resulted in a significant reduction in transmitted
vibration. A commercial reed valve and cylinder head were used in the prototype design. The calculated operating
conditions as well as the geometry of the commercial components influenced the piston design. The compressor is
driven by a brushless DC (BLDC) motor selected to provide variable speed control for improved cycle efficiency over
a wide range of operating conditions. For the purposes of design, a nominal compressor speed of 1500 rpm was
selected. Based on this nominal speed, the displacement of each cylinder was set to be 5.2 cm3.
Figure 4 shows a section view of the compressor highlighting the key dimensions and components. A pinless piston
configuration was selected to reduce the number of components requiring lubrication and failure points. The rod/stroke
(R/S) ratio is important in a pinless piston design because of piston rock inside the cylinder. Greater R/S ratio leads to
smaller angles of the connection rod, and therefore the smaller the angle of the piston head. A lower angle leads to
better sealing between the cylinder and the bore. An R/S ratio of 4 results in a maximum connection rod angle of 7.6°. 
The piston rock requires a small amount of additional clearance added at the top of the piston bore to ensure there is
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
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no interference between the reed valve assembly and the piston head near top dead center (TDC). The nominal
clearance between the reed valve and the piston at TDC was 0.8 mm, and the total clearance volume was 7.4% of the 
piston displacement volume. The bore/stroke (B/S) ratio directly influences the piston speed. An oversquare piston
(B/S > 1) reduces piston speeds and results in less friction, but it also requires a larger piston head with more potential
leak area (i.e. lower volumetric efficiency) if not sealed properly. Reducing friction in the bore is paramount in an oil-
less design; therefore, a B/S ratio of 1.4 was selected. A PTFE piston ring seal was clamped between the top piston
plate and the piston-connecting rod body. The seal wraps up around the piston head to prevent blowback at all rocking
angles. PTFE was selected for the piston seal due to its low friction, flexibility, and easy manufacturability. A 0.5 µm
thick WS2 coating was also applied to the cylinder bore using a dry air application method at 35°C. The low coefficient
of friction (0.03 to 0.07 µk) reduces sliding friction between the seal and the cylinder wall.
Figure 4: Opposed twin-piston compressor section view
A three-piece crankshaft assembly was necessary for assembly because of two connection rod ball bearings (R168)
that were press fit onto the crank shaft center leaf (Figure 5). To ensure alignment and balance, a symmetrical
arrangement of two bolts and four locating pins was used. The two larger ball bearings (R148) that the crankshaft runs
on were press fit down to the shoulders sized to the abutment inner diameter specified by the manufacturer. The motor
connection portion of the crankshaft is threaded. This threaded portion interfaces with a custom adapter that was press
fit onto the motor shaft. During operation the motor was spun so the threads on the adapter and the threaded portion
of the crankshaft are tightening during operation. Both the small, connection rod ball bearings (R148) and the large,
crankshaft ball bearings (R4A) were coated with WS2 to reduce friction in the dry rolling elements. A 4340 bearing
insert was designed as an intermediary between the crankshaft bearing outer race and the housing bore to account for
tight tolerance requirements and coefficient of thermal expansion (CTE) mismatches.
Figure 5: Cross section of crankshaft assembly
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
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Materials were selected based on mechanical properties, thermal properties, and machinability. Because of the large 
temperature differential that the compressor will experience during transportation, cold storage, and operation (-183°C 
during lunar night hibernation to 190°C compressor discharge temperature at lunar noon), we selected materials with
similar CTE. A summary of the materials used in the compressor along with key properties is presented in Table 3.








4032 Aluminum Housing, Pistons 2.68 300 19.4
4340 Steel Crankshaft, Bearing inserts 7.85 470 12.7
52100 Steel Bearing races 7.75 2034 11.6
304 Stainless Steel Motor-to-crankshaft adapter 8.00 215 17.3
A kinematic analysis was performed on the compressor pistons and crankshaft to determine the expected forces and
torques on the components. The main loads acting on the crankshaft included pressure forces, inertia of the piston-
connecting rod assembly, and friction loads. Friction loads on the piston were not included in this analysis. In the case
of using R1336mzz(Z) as the working fluid at 38°C SST and 50°C lift conditions, a refrigerant mass flow rate of
2.82 kg/h and compressor speed of 1670 rpm is needed for a cooling capacity of 113.8 W (100 W electronics load +
13.8 W conduction from other rover components). At this operating point, the ideal volumetric efficiency was
predicted to be 79% based on standard thermodynamic relationships:
1/𝑛 
𝜂𝑣 = 1 − (𝑟𝑝 (1)− 1)𝑐clearance 
where rp is the compression ratio, n is the polytropic index, and cclearance is the percent clearance defined as the ratio of
the clearance volume to the swept volume. The connecting rod angle, angular velocity, and angular acceleration as 
well as the piston position, velocity, and acceleration were calculated over the entire crank cycle. These values were
used to calculate the forces and torques on the crankshaft in each axis (as defined in Figure 6). For this operating point, 
the maximum piston acceleration was 205.4 m/s2 at TDC, and the maximum piston velocity was 1.1 m/s at 85° and
275° crank angle. The mean piston speed was 0.66 m/s.
In an opposed twin-piston compressor, the forces from each piston are balanced, but there are unbalanced moments
in the x- and - and y-directions due to the 7.14 mm offset between the two pistons. The moment about the z-axis is the
torque that must be supplied by the motor. Figure 7 shows the crankshaft torque around each axis at this operating
point. The maximum motor torque (z-axis) is 0.86 N·m, and the root mean square (RMS) average motor torque is
0.28 N·m. In the x-axis, the maximum and RMS moments are 0.06 N·m and 0.02 N·m, respectively. In the y-axis, the
maximum and RMS moments are 0.65 N·m and 0.31 N·m, respectively.
The moment arm between the crank shaft center and the mounting point at the base of the compressor is 61.5 mm.
Based on these measurements and predicted moments, the maximum exported vibration was predicted to be 0.04 N 
in the y-direction. This is less than the maximum allowed vibration for lunar science rovers.
Figure 7. Cut view of the compressor 
crankshaft assembly indicating
coordinate directions
Figure 6. Compressor crankshaft torque around each axis
over the entire crank cycle
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
  
        
            
              
            
               
          
           
     
  
      
        
 
      
   
           
               
         
          
               
             
              







Figure 8 shows a computer aided design (CAD) model and Figure 9 shows photographs of the compressor prototype.
The total compressor mass was 2860 g including a custom hermetic housing that was designed but not yet
manufactured. This is 5% below the target mass of the compressor. The commercial BLDC motor makes up 35% of
the total compressor mass. The motor controller was not included in this estimate. Suction vapor is drawn from the
hermetic shell through a suction port at each piston, and compressed refrigerant discharges through a copper tube 
brazed to the cylinder plate. The two discharge tubes are joined and expanded to a high-pressure reservoir to limit

















Figure 8: (left) Twin piston oil-less compressor internal components (cylinder heads not shown); (center) 
Concept rendering of the compressor inside a hermetic shell; (right) cylinder suction and discharge
Figure 9. Two views of the fully assembled oil-less compressor prototype
4. EXPERIMENTAL SETUP, RESULTS, AND DISCUSSION
A test stand was fabricated to evaluate the performance of the prototype compressor. The test loop schematic is shown
in Figure 10, and a photo of the test stand is shown in Figure 11. We measured the refrigerant temperature at six
locations using resistance temperature detectors (RTDs) and refrigerant absolute pressure at four locations to fully
characterize the thermodynamic states in the loop. We measured the refrigerant mass flow rate using a Coriolis mass
flow meter (Siemens FC300 DN4). All sensors with their ranges, positions, and accuracy are listed in Table 4. All 
sensors produced an analog 4-20 mA signal read by a National Instruments (NI) Data Acquisition (DAQ) system.
The evaporator was a brazed plate heat exchanger connected to a secondary deionized water loop. A 500 W cartridge
heater in the loop connected to a variable autotransformer was used to control the heat load. The water temperature at
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
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Table 5: Sensor information for Mainstream’s oil-less compressor test loop
Sensor Type Manufacturer Position Range Accuracy
RTD Evolution Sensors All Temp Sensors -50 – 260 °C Class A
Pressure Transducer Omega High Side 0 – 300 psia ± 0.25% FS
Pressure Transducer SSI Technologies Low Side 0 – 100 psia ± 1.00% FS
Mass Flowmeter Siemens Upstream of TXV 0 – 350 kg/h ± 0.1% reading
Volumetric Flowmeter Omega Evaporator Loop 0.2 – 2 LPM ± 1.0% FS
DC Voltage CR Magnetics Compressor Input 0 – 50 VDC ± 1.0% FS
DC Current CR Magnetics Compressor Input 0 – 20 ADC ± 1.0% FS
the inlet and outlet of the 
evaporator and the volume
flow rate were used as a 
secondary capacity
measurement. The condenser
was a microchannel aluminum
heat exchanger with a variable 
speed DC fan to adjust the 
condenser heat load. A 
manually controlled needle 
valve was used for the
expansion valve because 
commercial thermostatic 
Figure 10: Test loop schematic for testing Mainstream’s oil-less compressor
expansion valves (TXVs) are
not designed for the small 
capacity of this system or the new 
refrigerants that we tested.
The compressor was operated with both
R1336mzz(Z) and R1336mzz(E) working
fluids. Compressor speed was varied up to
2000 rpm limited by the motor input 
voltage (30 VDC). The system was unable 
to produce the desired state points with
either of these refrigerants; however, Table
5 shows a lower lift data point collected
using R1336mzz(E). The thermal model
was exercised at these thermodynamic 
conditions (i.e. suction temperature and
pressure, pressure ratio) to calculate 
anticipated performance at this condition
and to compare with the experimental
results. At these conditions, the
compression ratio was 2.61 (26.73°C lift). 
The cooling capacity was 49.6 W ± 0.1 W
and the COPc was 2.5 ± 0.4. This capacity
and COPc were significantly lower than the
predicted values. The low volumetric
efficiency (i.e. capacity) is likely due to
poor sealing, blowback around the piston
during compression, and inefficiencies in
the reed valves and discharge geometry
through the cylinder heads. The low 
isentropic efficiency (24.3%) was caused
Figure 11. Photo of the compressor test stand
Table 4. Compressor Performance, R1336mzz(E)
Measured Predicted





Volumetric Efficiency 51.0% ± 0.8% 91.6%
Refrigerant Mass Flow (kg/h) 1.25 ± 0.001 2.22
Cooling Capacity (W) 49.6 ± 0.1 87.2
Compressor Power (W) 19.7 ± 3.0 19.5
COPc 2.5 ± 0.4 4.5
Isentropic Efficiency 24.3% ± 3.8% 50.0%
Crankshaft Torque (N·m) 0.16 ± 0.03 0.17
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
  
        
      
    
    
     
     
     
    
     
     
      
     
    
  
     
   
          
          
             
            
           
            
               
            
           
    
        
           
             
             
               
           
        
            
          
 
     
 
   
 




by factors including high friction loads
and blowback around the piston.
The friction torque was quantified by
measuring motor power and crankshaft
torque with the cylinder heads removed
(i.e. no compression). Figure 12 shows
the friction power and crankshaft torque
of the compressor at speeds between 150
rpm and 1500 rpm. At the operating
point shown in Table 5 (1000 rpm), the
friction torque was 0.06 N·m and
accounts for a substantial portion (35%)
of the total crankshaft torque.
To achieve the predicted performance of
the heat pump, the compressor isentropic
efficiency and the volumetric efficiency must be increased. A breakdown analysis of the compressor revealed several
areas that may have contributed to the poor performance. Several different piston seal diameters and thicknesses were
evaluated to minimize friction and blowback. A 0.79 mm thick PTFE seal was not flexible enough to operate with
low friction and resulted in visible wear around the cylinder plate during dry run conditions (Figure 13). While 
switching the piston seal to a 0.25 mm thick ring improved friction, some PTFE residue was still visible after
operation. The ring outside diameter was 18.51 mm. Other materials such as graphite impregnated PTFE could also
provide low friction sealing with better dry lubrication. A more thorough trade study on piston seal materials and
geometry should be performed. Additionally, reed valve design can play an important role in improving compressor
efficiency. This compressor used commercial reed valves and cylinder heads. A more targeted valve design effort
could improve the performance and reduce losses.
When the compressor was disassembled, crankshaft misalignment was also discovered. This was likely due to
tolerance stack-up in between the crankshaft, the cylinder plate, and the housing. The crankshaft position was set by
a shoulder machined into the housing block, and the cylinder plate attached to the housing with four bolt holes. The
tolerance stack-up caused angulation of the crankshaft resulting in additional friction and wear (Figure 14). Side
loading forces on the piston also caused the connecting rod to walk down the bearing on the crankshaft and rub against 
the leaf of the crankshaft. The housing block shoulder dimension was modified, but there was still some remaining
crankshaft misalignment. It was also observed that the bearings did not spin as smoothly as before operation. This
could also have been due to the misalignment and part wear. In future designs, the cylinder position should be fixed












































Friction Power Crankshaft Torque
Figure 12. Compressor friction power and crankshaft torque
Figure 13. PTFE residue on the cylinder
Figure 14. Evidence of crankshaft rubbing due to piston-
cylinder misalignment
25th International Compressor Engineering Conference at Purdue, May 24-28, 2021
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The connecting rod bearings should also be installed with a press fit on the bearing-to-connecting rod interface and a
slip fit on the crankshaft-to-bearing interface (the opposite of the current construction) to ensure no slippage of the
piston on the bearing. The position of the bearing on the crankshaft will be set by machined shoulder features.
5. CONCLUSION
In this research effort, a miniature oil-less opposed twin-piston reciprocating compressor for lunar equatorial rovers
was designed, fabricated, and tested. Two new HFO refrigerants were evaluated that show promise for both NASA
and terrestrial heat pump applications. The twin-piston configuration is promising for this application because it 
enables reduced size, lower piston speeds, and low vibration. The total mass of the compressor was 2.86 kg. Maximum
exported vibration was estimated to be 0.04 N at the base of the compressor based on kinematic calculations and
agreement between measured and predicted motor torque.
During testing, the prototype compressor was not able to operate at the desired state points and did not meet the
performance predictions. Sample data using R1336mzz(E) showed a cooling capacity of 49.6 W and COP of 2.5. The 
poor performance was most likely due to a number of factors including high friction, manufacturing and tolerance
issues, and suboptimal design of reed valves and piston seals. A breakdown analysis of the compressor showed several
areas of wear on the piston seals and the crankshaft-connecting rod assembly. It is likely that many of the mechanical
issues with the compressor can be addressed in future iterations of the design. Although the performance of this
prototype was lower than desired, valuable progress has been made towards a working compressor for extreme
environment application such as lunar equatorial science missions.
NOMENCLATURE
cclearance percent clearance ηv volumetric efficiency
n polytropic index θrad radiator angle from horizontal
rp pressure ratio
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